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ABSTRACT

Noise reduction (NR) of an acoustical enclosure figkible boundary walls has been predicted usirggStatistical
Energy Analysis (SEA) method by several authorgha\gh it is useful for a rough NR estimation, agéar
discrepancy often exists between the predictechagabured NR levels. Moreover, some physical mecmanighich

may affect NR prediction were not addressed in thisting SEA models. The sources of the discrepameye

identified by investigating the limitation of SEArf system energy transfer in the entire frequernge of noise
transmission, and the effect of enclosure wall dagpand sound-structural coupling on the NR andpiesdiction

accuracy. This paper presents a modified SEA madgkth includes the non-resonant response and amrerate
transmission coefficient of finite panels, and cangs the model prediction with experimental resitseasonable
agreement between the prediction and experimenthserved.

INTRODUCTION

An acoustical enclosure with enveloping panels ighao-
acoustic system which may effectively reduce noise
generated from running machines. Acoustical encioswas

a topic of research more than half a century agonls work

[1] on noise reduction of a rectangular enclosuad shown
some physical insight of the noise transmissioro ittte
enclosure. In recent years, Ming and Pan [2] ancersé
other researchers [3, 4] investigated NR of morepdimated
enclosures with coupled side-walls and partiallyerogd
cavities.

Prediction of NR of an acoustical enclosure is ofequired
at the design and assessment stages of noise Icontro
Although investigated by many authors, a largerdigancy
often exists between the predicted and measuredeidts| at
low and middle frequencies. The non-resonant respaf
panels is an important physical mechanism causinth s
discrepancy. This phenomenon was proposed in Lywoi&
[1], however, it is neglected in his analytical mbdCrocker
and Price [5] considered the non-resonant trangmnissto
their research by using the mass law which baseasfnite
plate theory. Sewell [6], Reynold [7] investigatetiet
property of sound transmission of finite panelsluding
bending stiffness effect and the prediction is maceurate
than the classical mass law, but often overestsndbe
transmission loss because only the forced vibratien
considered. Ming and Pan [2] considered the noorast
transmission from the inner sound field to the ioi@sone
when predicting NR, but they added the sound power
generated by non-resonant response to the soundrdow
resonant vibration in the total power calculatioand
neglected the effect of structural-structural conglon the
sound-structural coupling and the power transfetrack to
the structure from the outside sound field. Renjiakt][8]
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analyzed the non-resonant response by treatingsitaa
separate subsystem during SEA modelling at high
frequencies. In their model, the sound transmission
coefficient was calculated from Reynolds’'s formuld], [
which set the forced radiation efficiency of finipanels to
the inverse of the cosine of the angle of incidemavy [9]
improved Cremer’s theory by replacing the forcedatioh
efficiency of an infinite plate with that of a fiei size panel
and propoed a new approach to analyze the cometetion of

the bending stiffness in the frequency range wheoth
structure and sound field have resonant modes.

In this paper, we focus on the accurate modellih§R in
the entire frequency range and the essential pdlysic
mechanisms that control the accuracy of NR. In thgoived
SEA model, non-resonant response of every flexphaleel is
considered as a subsystem. Accuract expressidreadund
transmission coefficient of finite panels is alsdopted.
Experiment has been carried out to verify the pmtedi
results.

In the experiment, the radiated power from the @ndle is
measured by both sound pressure method (SPM) amdl so
intensity method (SIM). Further more, as differdafinitions
of NR [1, 5] exist, the level difference between #wmund
power level into the box and that into the labomat@om is
employed in this study in order to minimize the dicéon
error coming from the reverberant time measurement.

EXPERIMENTAL STUDIES
Description of the experiment
The experimental work was conducted in a large rizaoy

room, whose volume is about 198mwith several furnitures
and sound scattering items. The dimension of tlheigtcal
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enclosure box is 0.868mx1.15mx1m. The aluminum isox
made of one clamped and five simple-supported Hlexi
panels. The panels have uniform thickness of 2.5ine
Young’s modulus, Poisson ratio and mass densitythef
panels are respectively 6.85%%0a, 0.34, and 2700kgim
The lid of the box is clamped by two steel frameghva
flange between them. A small hole in one side panebked

to insert a pipe which connects a horn driver (No.l
loudspeaker) to generate high frequency noiseernbthx. In
order to generate adequate low frequency noise, a
loudspeaker (No.2 loudspeaker) backed by a loudtspdmx

is placed at one inner corner of the enclosure. The
measurements of low frequency and high frequency
responses were taken separately. The schematigematfon

of the enclosure is shown in Figure 1 and the nreasent
system is described in Figure 2.

No.1
Loudspeaker

1m P
Nea.2 |
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Figure 1. The acoustical enclosure box.
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Figure 2. The measurement system.
Experimental results

The dissipation loss factor of the lid can be mesdwsing
the vibration decay method. In this study, the esuste box
is identical to that used by Ming and Pan [2], ¢ t
dissipation loss factor can be calculated fromrtkaipirical
formula taking into account of the radiation lossl ahe edge
loss [9]. The free radiation efficiency of finiteapels is
derivated from the approximating radiation ratiolley et al
[10], based on the analytical results for baffléates by Xie
et al. [11]. The forced radiation efficiency of ifim panels is
calculated by using Davy's expression [9] above fingt
non-Helmholtz natural frequency of the cavity amguals
unity under this frequency. The simulation of these kinds
radiation efficiency is shown in Figure 3 and the
corresponding dissipation loss factor of the lidngdais
plotted in Figure 4. It can be found from the crire Figure
4 that the forced radiation loss is greater thandfnuctural
loss, and the edge loss is not important to thed &ituctural
loss factor.
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Figure 3. Radiation efficiency of the lid panel.
(——: free radiation efficiency:----: forced radiation
efficiency)
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Figure 4. Dissipation loss factor of the lid panel.
(——: predicted structural loss factor by Ming arahR®
empirical formula;-+---+ : predicted free radiation loss factor;

-.-: predicted forced radiation loss factor; --predicted edge
loss factor)

The dissipation loss factors of the internal sotiettl and
external sound field are calculated by measuringirth
reverberation timdg,

2.2
,7a = (1)
fTgo

wheref is the central frequency in one-third Octave band,
is the dissipation loss factor of enclosed acousid. The

results are plotted in Figure 5. Since there isnmeasured
data at low frequencies, the curve fitting restdtsexternal

sound field and Ming and Pan’s results for intersalind

field are also presented in the figure.
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Figure 5. Dissipation loss factors of the sound fields.
(——: calculated by Ming and Pan’s formulg;-: measured
in the box; ------ . fitted by this papery- measured in the
room)

The arrangement of the response measurements hyg usi

different loudspeakers and testing methods are suined

in Tables 1 and 2, for acoustic field in the box an the
room respectively. The same case noted in botlesabkans
that the experiments were carried out in the same. tThe
final physical quantities for calculation and comipan are
sound pressure level and sound power level forirtteznal

and external sound field, respectively. Accordiogrables 1
and 2, the experimental results are shown in Fgy@rand 7.
The inner sound pressure levels, just measuredPby, &re
also presented here in order to emphasize the sairthe
difference between the radiated sound power levelsow

much percent coming from the difference of the sesr By
comparing the measured sound power levels usirfgrelift

measuring methods, it can be found that the discrepis

smaller than 0.5dB above 400Hz for No.1 loudspeaded,
the discrepancy is negligible in the frequency eatigpm

100Hz to 600Hz for No.2 loudspeaker. Thus, the trgata
for calculation are gained from two loudspeakersont
400Hz to 6.3kHz, the data of No.1 loudspeaker edusand
when frequency below 400Hz, the data of No.2 loedkpr
is used. Therefore, the measurements are relialiteeientire
frequency range of interest.

Table 1. The arrangement of measuring response in the box

by using different loudspeakers

Loudspeaker Measuring method
Casel
Case 2 No.2 SPM
Case3
Cased No.1 M

Table 2. The arrangement of measuring response in the room

by using different loudspeakers and measuring naistho

Loudspeaker Measuring method
Casel No.2 SPM
Case?2 No.2 SM
Case3 No.1 SPM
Case 4 No.1 SM

ICA 2010

Proceedings of 20th International Congress on AisjdCA 2010

90

)

Z

3]

>

o

: l

]

(2]

(%]

It

¢ T

©

c

>

: |

n

30 : :
10° 10" 10° 10"
Frequency(Hz) Frequency(Hz)

Figure 6. Sound pressure level in the box
(Reference sound pressurex 20°Pa).
(— * —: case 1;,—e—: case 2;—A—: case 3,—x—: case 4)
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Figure 7. Sound power level in the room
(Reference sound powerx1L.0Aw).
(— * —: case 1;,—e—: case 2;—a—: case 3,—x—: case 4)

THEORETICAL MODEL

Statistical energy analysis is a practical metrardcahalyzing
the power and energy in coupled vibro-acoustic esyst
Classical SEA method is entirely based on the $tals
theory and the energy conservation law, leadingvieraged
quantities obtained. Nevertheless it has been isedany
practical applications, such as in noise controlaotraft
structures. A full and accurate history of SEA witable in
numerous references [12, 13]. In this section, a@u$ on
analyzing NR using SEA.

The quantity of noise reduction is defined by faliog
expression

NR =10log,, (W, /W, ), @

whereW; andW, are respectively source power into the box
and radiated power into the laboratory room.

Assuming the inner sound field is reverberant ahd t
specific acoustic impedance equals 400Kg/mif the

measured quantity is sound pressyme the relationship
between the sound power into the field and souedsure is
described as follows

W, =10 pAV /Ty, ®
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whereV andTg, are the volume and the reverberant time of

the sound field, respectively.

The sound power in the room is the sum of radigeder
from all the structural subsystems, and given by

W =2 poCoS0i(B/m), “)

wherep, is the mass density of the ai;is the sound speed
in the air;o; ,§ and m are the radiation efficiency, surface
area and total mass of subsystgnrespectively;E; is the
averaged model energy of subsysiem

In this paper, three frequency ranges are congidéethe
lower frequencies, both the structure and the sdiehd are
stiffness controlled.

In the intermediate frequency range, the air in Hux
behaves like a spring, while the panels of the walicture
have resonant response. In this frequency range,ath
volume of the box allows the source power to badmatted
into the structure of the box in two paths. In fingt path, the

noise source dissipates energy in the box volume an

transmits energy to the panels and excites thebelbave in

resonant way, and power input into each panel can b

calculated by using the input surface mobility [1ef] the
finite panels,

1 .
W.:5|pa|2Re{M }, 5)

wherep, is the amplitude of the pressure of the soundl fiel

within the box M?®is the input surface mobility of paniel

The flexible panels of the box structure are tréates
subsystems in the SEA model and their resonantatior
response could be obtained by solving the powew flo
balance equations. The power flow relationship betwthe
resonant responses of panels is written as

|
B ~wX 0 =W, 6)

i#i !

whereE; is the resonant average modal energy of pangl
is the coupling loss factor between panehdi, | is the total
number of panels.

In the second path, sound energy inside the enedasan be
transferred by the non-resonant transmission walytemce
the inner sound field should be modeled as a stdrsyf
this stage. The power flow balance equations betwbe
non-resonant response and sound field are exprassed

wr By —awngiEg =0, (@)

wigEg - B =W (8)

whereE; is the non-resonant average modal enefgys the
average energy of the source sound figlg,is the coupling
loss factor between the inner sound field and toa-n
resonant response of pamef; s is the reverse on#&\ is the
sound power in the box induced the non-resonarmorese.
The detailed calculation formula of coupling los&tbr in
Eq.(7) and EQq.(8) is studied in work [8]. The maoetif
transmission coefficient which used for calculatitige
sound-structural coupling loss factor is discusse®avy's
research [9] and the radiation efficiencies of fhee and

Proceedings of 20th International Congress on Atoxs)dCA 2010

forced vibration are computed as proposed in tloticse of
Experimental studies.

At the high frequencies, both the sound in the aod
vibration in the flexible panels are modelled afude fields.
In this frequency range, the inner sound field desipvith
resonant response of panels in the SEA model, liadstthe
only difference from the first energy transmissmath at the
intermediate frequencies. The non-resonant respsingeld
also be considered in this frequency range. Theepdlow
balance equations are described as

21+1

wnEj-w ¥ n E =0, 9)(
izji=1 "’
21

mSES—leanSEj =W, - 109
]:

Egs.(9) and (10) reveal the power flow relationdhgtween

the air enclosure and other subsystems, includasgpmant
and non-resonant response of panels. By solving(®cand

(10), average modal energy of each subsystem cbald
obtained. Finally, the total sound power in the nmods

calculated by putting the average modal energy axthe
structural subsystem into Eq.(4).

RESULTS AND DISCUSSION

As the enclosure box is excited by the internalnsbofield,
the vibration energy of the wall panels of the m@n be
divided into two groups [15]. The first group isettfree”
bending response, which only exists in finite smoe and
panel boundary reflection generates interaction tioé¢
bending waves with wavelength rather than that fod t
excitation sound wave. This type of panel respdeaves
in forms of resonant modes. In the second grougmthe
trace wavelength of the incident acoustic wave hestcthe
panel bending wavelength, the forced vibration ogckn this
process, a lot of energy is transferred to theiaulig sound
field because of large radiation efficiency. Acdagly,
sound transmission not only comes from the “freigtation,
but also from the forced vibration, which are namesbnant
transmission and non-resonant transmission respécti

Above the critical frequency of the panel, the gbun
transmission through the panels is dominated bypnast
response mostly. Below the critical frequency, swind
transmission is controlled by both resonant and-nesonant
response. The main reason of this physical mecimaaighis
frequency range is that the radiation efficiency rain-
resonant response equals unity, whereas the resonans
much smaller than unity, although the vibration elewf
resonant response has no great difference fromntre
resonant part.

Figure 8 compares the sound power levels radiated the
enclosure box with and without including the nosemeant
response into SEA model. The prediction resultsxf®enji
et al. [8] and Ming and Pan [2] are also plottedha figure
for comparison.

The model including both resonant and non-resonant

transmission agrees well with the experimental ltesove

63Hz. The errors are smaller than 2dB except at low

frequencies and above the critical frequency. Theestwo
reasons for large errors at low frequencies: (1¢ $hcond
loudspeaker provides deficient power to the syst@hithe
basic hypotheses of SEA are not valid at theseuéecjes.
The reason for the error above the critical freqyeis the
overestimated forced radiation efficiency.
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The model including only resonant transmission poed a
large difference, reaching 25dB, from the experitaleresult
at some frequencies. This amount of discrepancy ates
been obtained by Renji [8]. The comparison meanstttea
non-resonant response plays significant role insfiexring
energy from the source field to the receiving roespecially
at intermediate frequencies.

As mentioned above, the difference of calculatioh o

transmission coefficient will cause considerableoerThe
higher value of NR predicted by Renji's theoreticabdel
above the fundamental frequency of the inner soiield
indicates that the outside power prediction is uestémated.
This is because the forced transmission coeffiaiestioned
in their work was calculated from Reynolds’'s aldurit
which improves the prediction accuracy relative tte
classical mass law by including bending stiffnédswever,
the approximation of applying the infinite platethy to the
forced radiation efficiency causes the transmissloss
inaccuracy in the frequency range between the fmedsal
frequency of the cavity and the critical frequenéyhe panel.

Although the predicted result by the model devetbjy
Ming and Pan is more accurate than the predictighowt
including the non-resonant response in this stitdig still
less accurate than that by the model including resonant
response into the whole energy transfer route im study.
The non-resonant transmitted power, in Ming and’'$an
research, is simply added to the total radiatechédqower
algebraically, ignoring the effect of other struetestructural
and sound-structural coupling on the non-resonespanse.
Meanwhile, their model also neglected the powarsierred
back to the structure from the outside sound fieldich is
important when coupling between structure and thavi
medium is involved. Therefore, the non-resonanpoese
should be included in the entire SEA energy transfedel
and analyzed along with other subsystems. In amgitihe
forced transmission coefficient used in Ming andn’Pa
model is based on the classical mass law, whidorithe
infinite plate with negligible bending stiffness.
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Figure 8. Difference of sound power level (refx1L0AW).
(——: prediction by this study considering non-remsoin
response;——: prediction by this study ignoring-resonant
response; ......: prediction by Ming et al.’'s model, 2} —:

prediction by Renji et al.’s model [8};: experimental results)

In order to explain the use of sound power to eprie
noise reduction, the differences of sound prestwel and
sound energy level between the inner sound field te
outside reverberant room are also predicted inrEiguand
Figure 10. The prediction is not as accurate asrEig,
because the reverberant time and effective volufméh®
outside room should be used to compute the souesspre
level (SPL) and sound energy level (SEL). Therefdahe
error from testing the reverberant time and theectife
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volume of the external room will enlarge the ercdrNR
prediction and decrease the precision. In rediitg, outside
room is reverberated insufficiently, so the revesbé time
used for calculating SPL and SEL at intermediatguencies
is obtained by the fitting method, as shown in Féghi.
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Figure 9. Difference of sound pressure level (rek 20°Pa).
(——: prediction by this study considering non-remsoin
response; ——: prediction by this study ignoring-nesonant
response; .....:. prediction by Ming et al.’'s moddt - —:

prediction by Renji et al.’s model [8};: experimental results)
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Figure 10. Difference of sound energy level (refx11.0*2J).
(——: prediction by this study considering non-regain
response; ——: prediction by this study ignoring-nesonant
response; ...... prediction by Ming et al.’'s moddt 2 —:

prediction by Renji et al.’s model [8};: experimental results)

Rather than using Davy’'s formula for the forced asidn
efficiency, we have used unity forced radiationicahcy
below the first non-Helmholtz natural frequencytioé box.

In this intermediate frequency range, the sountd fie the
box is controlled by Helmholtz mode which drivese th
volume displacement modes of the panels most efédgt
The forced radiation efficiencies of those modes atrleast
larger than one [16]. It seems that Davy’s modifiedmula
for forced radiation efficiency is useful for NR calation for
the frequency ranges where both structure and sdiefd
have modes. In the intermediate frequency range uttity
radiation efficiency appears to provide more adeurasult.
Figure 11 is the comparison results with experirmetiata by
using the revised NR model with Davy’'s formula forded
radiation efficiency in the entire frequency rangied the
same NR model with Davy's formula [9] above the
intermediate frequency range and unity radiatidiciehcy
below the frequency. The discrepancy between Davy’s
prediction and experimental result is also obsdevabFig.1

of [9] at intermediate frequencies.
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Figure 11. Difference of sound power level by using
different foeced radiation efficiency (refx<110*4w).
(——: prediction by this study; ......: prediction by Bes

formula [9]; * : experimental results)
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CONCLUSIONS

This paper presents a more accurate SEA model fr N
prediction of an acoustic enclosure at intermedzté high
frequencies. The proposed model includes the neorRent
response in entire energy transfer path betweenbthe
structure and internal/external sound fields. Maoeurate
transmission coefficient, which includes both beigdi
stiffness and inertia in the forced radiation efficy, is used
for the coupling between the sound field and firpnels
below the critical frequency. Both free and forcediation
efficiencies are important to the accuracy. Theepagso
provides a critical review of the previous work R model
by Lyon, Ming and Pan, and Reniji et al.. The rolenoh-
resonance coupling is discussed in detail by d&ngsthe
discrepancies and mechanisims involved between each
previous model and the experimental result. Finalle
presented the reason for using the sound powelsléwvethe
predicted and measured NR in order to avoid thesiples
error from the reverberation time measurement. fDture
work will focus on improving the accuracy of NR imetlow
frequency range, and effect of heavy fluid loadimgthe NR
modelling.
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