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ABSTRACT 

Noise reduction (NR) of an acoustical enclosure with flexible boundary walls has been predicted using the Statistical 
Energy Analysis (SEA) method by several authors. Although it is useful for a rough NR estimation, a large 
discrepancy often exists between the predicted and measured NR levels. Moreover, some physical mechanisms which 
may affect NR prediction were not addressed in the existing SEA models. The sources of the discrepancy were 
identified by investigating the limitation of SEA for system energy transfer in the entire frequency range of noise 
transmission, and the effect of enclosure wall coupling and sound-structural coupling on the NR and its prediction 
accuracy. This paper presents a modified SEA model, which includes the non-resonant response and more accurate 
transmission coefficient of finite panels, and compares the model prediction with experimental results. A reasonable 
agreement between the prediction and experiment was observed. 

INTRODUCTION 

An acoustical enclosure with enveloping panels is a vibro-
acoustic system which may effectively reduce noise 
generated from running machines. Acoustical enclosure was 
a topic of research more than half a century ago. Lyon’s work 
[1] on noise reduction of a rectangular enclosure had shown 
some physical insight of the noise transmission into the 
enclosure. In recent years, Ming and Pan [2] and several 
other researchers [3, 4] investigated NR of more complicated 
enclosures with coupled side-walls and partially opened 
cavities. 

Prediction of NR of an acoustical enclosure is often required 
at the design and assessment stages of noise control. 
Although investigated by many authors, a large discrepancy 
often exists between the predicted and measured NR levels at 
low and middle frequencies. The non-resonant response of 
panels is an important physical mechanism causing such 
discrepancy. This phenomenon was proposed in Lyon’s work 
[1], however, it is neglected in his analytical model. Crocker 
and Price [5] considered the non-resonant transmission into 
their research by using the mass law which bases on infinite 
plate theory. Sewell [6], Reynold [7] investigated the 
property of sound transmission of finite panels including 
bending stiffness effect and the prediction is more accurate 
than the classical mass law, but often overestimates the 
transmission loss because only the forced vibration is 
considered. Ming and Pan [2] considered the non-resonant 
transmission from the inner sound field to the outside one 
when predicting NR, but they added the sound power 
generated by non-resonant response to the sound power by 
resonant vibration in the total power calculation, and 
neglected the effect of structural-structural coupling on the 
sound-structural coupling and the power transferred back to 
the structure from the outside sound field. Renji et al. [8] 

analyzed the non-resonant response by treating it as a 
separate subsystem during SEA modelling at high 
frequencies. In their model, the sound transmission 
coefficient was calculated from Reynolds’s formula [7], 
which set the forced radiation efficiency of finite panels to 
the inverse of the cosine of the angle of incidence. Davy [9] 
improved Cremer’s theory by replacing the forced radiation 
efficiency of an infinite plate with that of a finite size panel 
and propoed a new approach to analyze the correction term of 
the bending stiffness in the frequency range where both 
structure and sound field have resonant modes. 

In this paper, we focus on the accurate modelling of NR in 
the entire frequency range and the essential physical 
mechanisms that control the accuracy of NR. In the impoved 
SEA model, non-resonant response of every flexible panel is 
considered as a subsystem. Accuract expression of the sound 
transmission coefficient of finite panels is also adopted. 
Experiment has been carried out to verify the predicted 
results.   

In the experiment, the radiated power from the enclosure is 
measured by both sound pressure method (SPM) and sound 
intensity method (SIM). Further more, as different definitions 
of NR [1, 5] exist, the level difference between the sound 
power level into the box and that into the laboratory room is 
employed in this study in order to minimize the prediction 
error coming from the reverberant time measurement. 

EXPERIMENTAL STUDIES 

Description of the experiment 

The experimental work was conducted in a large laboratary 
room, whose volume is about 198m3, with several furnitures 
and sound scattering items. The dimension of the acoustical 



23-27 August 2010, Sydney, Australia Proceedings of 20th International Congress on Acoustics, ICA 2010 

2 ICA 2010 

enclosure box is 0.868m×1.15m×1m. The aluminum box is 
made of one clamped and five simple-supported flexible 
panels. The panels have uniform thickness of 2.5mm. The 
Young’s modulus, Poisson ratio and mass density of the 
panels are respectively 6.85×1010Pa, 0.34, and 2700kg/m3. 
The lid of the box is clamped by two steel frames with a 
flange between them. A small hole in one side panel is used 
to insert a pipe which connects a horn driver (No.1 
loudspeaker) to generate high frequency noise in the box. In 
order to generate adequate low frequency noise, a 
loudspeaker (No.2 loudspeaker) backed by a loudspeaker box 
is placed at one inner corner of the enclosure. The 
measurements of low frequency and high frequency 
responses were taken separately. The schematic configuration 
of the enclosure is shown in Figure 1 and the measurement 
system is described in Figure 2. 

 
Figure 1. The acoustical enclosure box. 

 
Figure 2. The measurement system. 

Experimental results 

The dissipation loss factor of the lid can be measured using 
the vibration decay method. In this study, the enclosure box 
is identical to that used by Ming and Pan [2], so the 
dissipation loss factor can be calculated from their empirical 
formula taking into account of the radiation loss and the edge 
loss [9]. The free radiation efficiency of finite panels is 
derivated from the approximating radiation ratio by Lei et al. 
[10], based on the analytical results for baffled plates by Xie 
et al. [11]. The forced radiation efficiency of finite panels is 
calculated by using Davy’s expression [9] above the first 
non-Helmholtz natural frequency of the cavity and equals 
unity under this frequency. The simulation of these two kinds 
radiation efficiency is shown in Figure 3 and the 
corresponding dissipation loss factor of the lid panel is 
plotted in Figure 4. It can be found from the curves in Figure 
4 that the forced radiation loss is greater than the structural 
loss, and the edge loss is not important to the total structural 
loss factor. 
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Figure 3. Radiation efficiency of the lid panel. 

(——: free radiation efficiency; -----: forced radiation 
efficiency) 
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Figure 4. Dissipation loss factor of the lid panel. 

(——: predicted structural loss factor by Ming and Pan’s 
empirical formula; ……: predicted free radiation loss factor; 
-.-: predicted forced radiation loss factor; -----: predicted edge 

loss factor) 

The dissipation loss factors of the internal sound field and 
external sound field are calculated by measuring their 
reverberation time T60, 

60

2.2
a

fT
η = ,                                                                           (1) 

where f is the central frequency in one-third Octave band, ηa 
is the dissipation loss factor of enclosed acoustic field. The 
results are plotted in Figure 5. Since there is no measured 
data at low frequencies, the curve fitting results for external 
sound field and Ming and Pan’s results for internal sound 
field are also presented in the figure. 
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Figure 5. Dissipation loss factors of the sound fields. 

(——: calculated by Ming and Pan’s formula;-﹡-: measured 
in the box; ------: fitted by this paper; -○-: measured in the 

room) 

The arrangement of the response measurements by using 
different loudspeakers and testing methods are summarized 
in Tables 1 and 2, for acoustic field in the box and in the 
room respectively. The same case noted in both tables means 
that the experiments were carried out in the same time. The 
final physical quantities for calculation and comparison are 
sound pressure level and sound power level for the internal 
and external sound field, respectively. According to Tables 1 
and 2, the experimental results are shown in Figures 6 and 7. 
The inner sound pressure levels, just measured by SPM, are 
also presented here in order to emphasize the source of the 
difference between the radiated sound power levels, in how 
much percent coming from the difference of the sources. By 
comparing the measured sound power levels using different 
measuring methods, it can be found that the discrepancy is 
smaller than 0.5dB above 400Hz for No.1 loudspeaker, and 
the discrepancy is negligible in the frequency range from 
100Hz to 600Hz for No.2 loudspeaker. Thus, the input data 
for calculation are gained from two loudspeakers. From 
400Hz to 6.3kHz, the data of No.1 loudspeaker is used, and 
when frequency below 400Hz, the data of No.2 loudspeaker 
is used. Therefore, the measurements are reliable in the entire 
frequency range of interest. 

Table 1. The arrangement of measuring response in the box 
by using different loudspeakers 

 Loudspeaker Measuring method 
Case 1 
Case 2 

No.2 SPM 

Case 3 
Case 4 No.1 SPM 

Table 2. The arrangement of measuring response in the room 
by using different loudspeakers and measuring methods 

 Loudspeaker Measuring method 
Case 1 No.2 SPM 
Case 2 No.2 SIM 
Case 3 No.1 SPM 
Case 4 No.1 SIM 
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Figure 6. Sound pressure level in the box 
(Reference sound pressure: 2×10-5Pa). 

(—﹡—: case 1;—○—: case 2;—△—: case 3;—×—: case 4) 
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Figure 7. Sound power level in the room 
 (Reference sound power: 1×10-12W). 

(—﹡—: case 1;—○—: case 2;—△—: case 3;—×—: case 4) 

THEORETICAL MODEL 

Statistical energy analysis is a practical method for analyzing 
the power and energy in coupled vibro-acoustic systems. 
Classical SEA method is entirely based on the statistical 
theory and the energy conservation law, leading to averaged 
quantities obtained. Nevertheless it has been used in many 
practical applications, such as in noise control of aircraft 
structures. A full and accurate history of SEA is available in 
numerous references [12, 13]. In this section, we focus on 
analyzing NR using SEA. 

The quantity of noise reduction is defined by following 
expression 

1010 log ( / )s rNR W W= ,                                                      (2) 

where Ws and Wr are respectively source power into the box 
and radiated power into the laboratory room. 

Assuming the inner sound field is reverberant and the 
specific acoustic impedance equals 400kg/m2s, if the 
measured quantity is sound pressure p, the relationship 
between the sound power into the field and sound pressure is 
described as follows 

4 2
6010 /sW p V T

−= ,                                                            (3) 
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where V and T60 are the volume and the reverberant time of 
the sound field, respectively. 

The sound power in the room is the sum of radiated power 
from all the structural subsystems, and given by 

(0 0 / )i i i i
i

W c S E mr ρ σ∑= ,                                                     (4) 

where ρ0 is the mass density of the air; c0 is the sound speed 
in the air; σi ,Si and mi are the radiation efficiency, surface 
area and total mass of subsystem i, respectively; Ei is the 
averaged model energy of subsystem i. 

In this paper, three frequency ranges are considered. At the 
lower frequencies, both the structure and the sound field are 
stiffness controlled. 

In the intermediate frequency range, the air in the box 
behaves like a spring, while the panels of the wall structure 
have resonant response. In this frequency range, the air 
volume of the box allows the source power to be transmitted 
into the structure of the box in two paths. In the first path, the 
noise source dissipates energy in the box volume and 
transmits energy to the panels and excites them to behave in 
resonant way, and power input into each panel can be 
calculated by using the input surface mobility [14] of the 
finite panels, 

21
| | Re{ }

2

s
iW p Ma= ,                                                     (5) 

where pa is the amplitude of the pressure of the sound field 
within the box, Ms is the input surface mobility of panel i. 

The flexible panels of the box structure are treated as 
subsystems in the SEA model and their resonant vibration 
response could be obtained by solving the power flow 
balance equations. The power flow relationship between the 
resonant responses of panels is written as 

,

I

i i j i j i
j i

E E Wωη ω η
≠
∑− = ,                                                   (6) 

where Ei is the resonant average modal energy of panel i, ηj,i 
is the coupling loss factor between panel j and i, I is the total 
number of panels. 

In the second path, sound energy inside the enclosure can be 
transferred by the non-resonant transmission way and hence 
the inner sound field should be modeled as a subsystem in 
this stage. The power flow balance equations between the 
non-resonant response and sound field are expressed as 

, 0i ii s ii sE Eωη ωη− = ,                                                         (7) 

, 0s s ii s iiE E Wωη ωη− =     .                                                  (8) 

where Eii is the non-resonant average modal energy, Es is the 
average energy of the source sound field, ηs,ii is the coupling 
loss factor between the inner sound field and the non-
resonant response of panel i, ηii,s is the reverse one, W0 is the 
sound power in the box induced the non-resonant response. 
The detailed calculation formula of coupling loss factor in 
Eq.(7) and Eq.(8) is studied in work [8]. The modified 
transmission coefficient which used for calculating the 
sound-structural coupling loss factor is discussed in Davy’s 
research [9] and the radiation efficiencies of the free and 

forced vibration are computed as proposed in the section of 
Experimental studies. 

At the high frequencies, both the sound in the box and 
vibration in the flexible panels are modelled as diffuse fields. 
In this frequency range, the inner sound field couples with 
resonant response of panels in the SEA model, and this is the 
only difference from the first energy transmission path at the 
intermediate frequencies. The non-resonant response should 
also be considered in this frequency range. The power flow 
balance equations are described as 

2 1

,
, 1

0
I

j j i j i
i j i

E Eωη ω η
+

≠ =
∑− = ,                                                 (9) 

2

, 0
1

I

s s j s j
j

E E Wωη ω η
=
∑− = .                                                 (10) 

Eqs.(9) and (10) reveal the power flow relationship between 
the air enclosure and other subsystems, including resonant 
and non-resonant response of panels. By solving Eqs.(9) and 
(10), average modal energy of each subsystem could be 
obtained. Finally, the total sound power in the room is 
calculated by putting the average modal energy of each 
structural subsystem into Eq.(4). 

RESULTS AND DISCUSSION 

As the enclosure box is excited by the internal sound field, 
the vibration energy of the wall panels of the box can be 
divided into two groups [15]. The first group is the “free” 
bending response, which only exists in finite structure and 
panel boundary reflection generates interaction of the 
bending waves with wavelength rather than that of the 
excitation sound wave. This type of panel response behaves 
in forms of resonant modes. In the second group, when the 
trace wavelength of the incident acoustic wave matches the 
panel bending wavelength, the forced vibration occurs. In this 
process, a lot of energy is transferred to the adjoining sound 
field because of large radiation efficiency. Accordingly, 
sound transmission not only comes from the “free” vibration, 
but also from the forced vibration, which are named resonant 
transmission and non-resonant transmission respectively.  

Above the critical frequency of the panel, the sound 
transmission through the panels is dominated by resonant 
response mostly. Below the critical frequency, the sound 
transmission is controlled by both resonant and non-resonant 
response. The main reason of this physical mechanism at this 
frequency range is that the radiation efficiency of non-
resonant response equals unity, whereas the resonant one is 
much smaller than unity, although the vibration level of 
resonant response has no great difference from the non-
resonant part. 

Figure 8 compares the sound power levels radiated from the 
enclosure box with and without including the non-resonant 
response into SEA model. The prediction results from Renji 
et al. [8] and Ming and Pan [2] are also plotted in the figure 
for comparison. 

The model including both resonant and non-resonant 
transmission agrees well with the experimental result above 
63Hz. The errors are smaller than 2dB except at low 
frequencies and above the critical frequency. There are two 
reasons for large errors at low frequencies: (1) The second 
loudspeaker provides deficient power to the system; (2) the 
basic hypotheses of SEA are not valid at these frequencies. 
The reason for the error above the critical frequency is the 
overestimated forced radiation efficiency. 



23-27 August 2010, Sydney, Australia Proceedings of 20th International Congress on Acoustics, ICA 2010 

ICA 2010 5 

The model including only resonant transmission produced a 
large difference, reaching 25dB, from the experimental result 
at some frequencies. This amount of discrepancy has also 
been obtained by Renji [8]. The comparison means that the 
non-resonant response plays significant role in transferring 
energy from the source field to the receiving room, especially 
at intermediate frequencies. 

As mentioned above, the difference of calculation of 
transmission coefficient will cause considerable error. The 
higher value of NR predicted by Renji’s theoretical model 
above the fundamental frequency of the inner sound field 
indicates that the outside power prediction is underestimated. 
This is because the forced transmission coefficient mentioned 
in their work was calculated from Reynolds’s algorithm 
which improves the prediction accuracy relative to the 
classical mass law by including bending stiffness. However, 
the approximation of applying the infinite plate theory to the 
forced radiation efficiency causes the transmission loss 
inaccuracy in the frequency range between the fundamental 
frequency of the cavity and the critical frequency of the panel. 

Although the predicted result by the model developed by 
Ming and Pan is more accurate than the prediction without 
including the non-resonant response in this study, it is still 
less accurate than that by the model including non-resonant 
response into the whole energy transfer route in this study. 
The non-resonant transmitted power, in Ming and Pan’s 
research, is simply added to the total radiated sound power  
algebraically, ignoring the effect of other structural-structural 
and sound-structural coupling on the non-resonant response. 
Meanwhile, their model also neglected the power transferred 
back to the structure from the outside sound field, which is 
important when coupling between structure and the heavy 
medium is involved. Therefore, the non-resonant response 
should be included in the entire SEA energy transfer model 
and analyzed along with other subsystems. In addition, the 
forced transmission coefficient used in Ming and Pan’s 
model is based on the classical mass law, which is for the 
infinite plate with negligible bending stiffness. 
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Figure 8. Difference of sound power level (ref: 1×10-12W). 

(——: prediction by this study considering non-resonant 
response;–·–: prediction by this study ignoring non-resonant 
response; ……: prediction by Ming et al.’s model [2]; — —: 
prediction by Renji et al.’s model [8];﹡: experimental results) 

In order to explain the use of sound power to express the 
noise reduction, the differences of sound pressure level and 
sound energy level between the inner sound field and the 
outside reverberant room are also predicted in Figure 9 and 
Figure 10. The prediction is not as accurate as Figure 8, 
because the reverberant time and effective volume of the 
outside room should be used to compute the sound pressure 
level (SPL) and sound energy level (SEL). Therefore, the 
error from testing the reverberant time and the effective 

volume of the external room will enlarge the error of NR 
prediction and decrease the precision. In reality, the outside 
room is reverberated insufficiently, so the reverberant time 
used for calculating SPL and SEL at intermediate frequencies 
is obtained by the fitting method, as shown in Figure 5. 
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Figure 9. Difference of sound pressure level (ref: 2×10-5Pa). 
(——: prediction by this study considering non-resonant 
response; –·–: prediction by this study ignoring non-resonant 
response; …..: prediction by Ming et al.’s model [2]; — —: 
prediction by Renji et al.’s model [8];﹡: experimental results) 
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Figure 10. Difference of sound energy level (ref: 1×10-12J). 
(——: prediction by this study considering non-resonant 
response; –·–: prediction by this study ignoring non-resonant 
response; …..: prediction by Ming et al.’s model [2]; — —: 
prediction by Renji et al.’s model [8];﹡: experimental results) 

Rather than using Davy’s formula for the forced radiation 
efficiency, we have used unity forced radiation efficiency 
below the first non-Helmholtz natural frequency of the box. 
In this intermediate frequency range, the sound field in the 
box is controlled by Helmholtz mode which drives the 
volume displacement modes of the panels most effectively. 
The forced radiation efficiencies of those modes are at least 
larger than one [16]. It seems that Davy’s modified formula 
for forced radiation efficiency is useful for NR calculation for 
the frequency ranges where both structure and sound field 
have modes. In the intermediate frequency range, the unity 
radiation efficiency appears to provide more accurate result. 
Figure 11 is the comparison results with experimental data by 
using the revised NR model with Davy’s formula for forced 
radiation efficiency in the entire frequency range and the 
same NR model with Davy’s formula [9] above the 
intermediate frequency range and unity radiation efficiency 
below the frequency. The discrepancy between Davy’s 
prediction and experimental result is also observable in Fig.1 
of [9] at intermediate frequencies. 



23-27 August 2010, Sydney, Australia Proceedings of 20th International Congress on Acoustics, ICA 2010 

6 ICA 2010 

10
1

10
2

10
3

10
4

-40

-30

-20

-10

0

10

20

Frequency(Hz)

N
o

is
e 

re
du

ct
io

n 
o

f S
W

L(
d

B
)

 
Figure 11. Difference of sound power level by using 
different foeced radiation efficiency (ref: 1×10-12W). 

(——: prediction by this study; ……: prediction by Davy’s 
formula [9]; ﹡: experimental results) 

CONCLUSIONS 

This paper presents a more accurate SEA model for NR 
prediction of an acoustic enclosure at intermediate and high 
frequencies. The proposed model includes the non-resonant 
response in entire energy transfer path between the box 
structure and internal/external sound fields. More accurate 
transmission coefficient, which includes both bending 
stiffness and inertia in the forced radiation efficiency, is used 
for the coupling between the sound field and finite panels 
below the critical frequency. Both free and forced radiation 
efficiencies are important to the accuracy. The paper also 
provides a critical review of the previous work on NR model 
by Lyon, Ming and Pan, and Renji et al.. The role of non-
resonance coupling is discussed in detail by discussing the 
discrepancies and mechanisims involved between each 
previous model and the experimental result. Finally, we 
presented the reason for using the sound power levels for the 
predicted and measured NR in order to avoid the possible 
error from the reverberation time measurement. Our future 
work will focus on improving the accuracy of NR in the low 
frequency range, and effect of heavy fluid loading on the NR 
modelling. 
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