
 

ACOUSTICS 2018 Page 1 of 11 

Investigation of Structural and Acoustic Responses of a Sub-
merged Cylindrical Enclosure under Arbitrary Force Excitations 

Xia Pan, Ian MacGillivray and James Forrest  

Maritime Division, Defence Science and Technology Group, Victoria, Australia  

ABSTRACT 
This paper models and analyses the structural behaviour and radiated sound due to arbitrary force excitations of 
a cylindrical enclosure totally submerged in a heavy fluid. The enclosure consists of a cylindrical shell with internal 
bulkheads and ring stiffeners. The cylindrical shell is closed by circular plates. The structural responses of the 
shell and plates are calculated by solving the shell and plate equations of motion using a wave approach. The far-
field radiated sound pressure from the shell and plates is then calculated by using the Helmholtz integral. The 
effect on the vibration and far-field sound pressure of the whole enclosure resulting from arbitrary force excita-
tions is investigated. The influence of the bulkheads and ring stiffeners on the structure is discussed. Good 
agreement is obtained between the analytical results and results from numerical finite element / boundary ele-
ment models.  

 
1 INTRODUCTION 
In naval applications, it is important to be able to estimate the noise radiated underwater by a vibrating hull struc-
ture under arbitrary force excitations during its design stage. Submerged cylindrical enclosures may be used as 
simple examples to demonstrate the structural and acoustic characteristics of underwater vessels. This paper 
analytically and numerically investigates the vibration and sound radiation from a cylindrical enclosure due to arbi-
trary force excitations. 

Structural vibration and sound radiation from a submerged cylindrical enclosure can be modelled analytically us-
ing the following three steps. The first step is to model the structural responses of a finite cylindrical shell and a 
finite plate. Detailed discussions and comparisons of different shell equations and general solutions were given by 
Pan and Hansen (1997) and Caresta and Kessissoglou (2009). The plate equations and general solutions of 
bending and in-plane motions of a circular plate were described by Tso and Hansen (1995). The coupling of the 
shell and plates is then applied to the boundary between the shell and plates. The second step is to model the 
excitations. The expression for a point force acting on a shell in the radial or axial direction has been reported 
(see, for example, Pan and Hansen 1997 for a radial force and Caresta and Kessissoglou 2009 for an axial 
force). However, only limited work has been published on analytical studies for a tangential force acting on a 
shell. Laulagnet and Guyader (1990) conducted an analytical study of radiation by a simply supported, stiffened 
shell. They applied a radial, axial or tangential force on the stiffener and found that the radial and tangential forces 
produced similar velocity and power levels below the ring frequency. The expressions for a point force acting on a 
plate have been commonly limited to a transverse force (Tso and Hansen 1995 and Skelton and James 1997). 
The third step is to model the sound radiation from the shell and end plates. An approximation for sound radiation 
from a vibrating shell was given by Junger and Feit (1986) and used in Pan et al. (2008a, 2008b) based on the 
spectral radial shell displacement. An approximation for sound radiation from an infinite plate was given by Skel-
ton and James (1997) based on the spectral normal plate displacement. 

Sound radiation from a submerged hull modelled using a fully coupled finite element / boundary element (FE/BE) 
method was reported by Peters et al. (2014). They applied uniform vertical, transverse and axial excitations on 

the hull and found that the peaks of radiated sound were primarily due to the beam bending mode 𝑛 = 1 of the 
hull for the vertical and transverse excitations. Their method was validated by Qu et al. (2015) using a semi-

analytical method. 

The work described here is an extension of previous work (Caresta and Kessissoglou 2009) on the total sound 
radiation from a free cylindrical enclosure due to arbitrary point axial force excitation. The enclosure includes a 
cylindrical shell and two end plates. Sound radiation from the finite shell, finite end plates and the entire enclosure 
is respectively given in the current paper. An arbitrary force can be decomposed into three orthogonal forces. The 
three orthogonal forces used here are in the radial, axial and tangential directions and are applied to the edge of 
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the shell on the shell-plate boundary. The results of the sound radiation obtained from the analytical models are 
validated against those obtained from numerical FE/BE models using the software Sysnoise.  
 
2 THEORETICAL METHOD 
2.1 Dynamic Model of the Submerged Cylindrical Enclosure  
The cylindrical enclosure consists of a finite ring-stiffened cylindrical shell closed at each end by a circular plate. 
The shell is partitioned into three parts by two equally spaced bulkheads. The ring stiffeners are modelled using 
smeared theory (Hoppmann 1958). In Figure 1, 𝑢, 𝑣  and 𝑤 are the axial, tangential and radial displacements on 

the shell, 𝑎 is the mean radius of the shell and ℎ is the shell thickness.  
 

 
Figure 1: Coordinate system and displacements for a thin cylindrical shell 

The equations of motion using the Flügge theory for a ring-stiffened cylindrical shell were given by Rosen and 
Singer (1974), and can be written in terms of differential operators 𝐿𝑖𝑗  as 

𝐿11𝑢 + 𝐿12𝑣 + 𝐿13𝑤 = 0 , 𝐿21𝑢 + 𝐿22𝑣 + 𝐿23𝑤 = 0, 𝐿31𝑢 + 𝐿32𝑣 + 𝐿33𝑤 −
𝑝𝑎

𝜌ℎ𝑐𝐿
2 = 0 ,                                      (1a-1c)  

where  𝑝𝑎  is the external pressure loading due to the fluid reacting on the structure and 𝜌 and  𝑐𝐿 are respectively 
the density and longitudinal wave speed of the shell (see Scott 1998 and Caresta and Kessissoglou 2009). 

The general solutions to Equations (1) due to the axial and radial forces (refer to Figure 3 below) can be written 
as the double Fourier series 

𝑢 = ∑ ∑ 𝐶𝑛,𝑖
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where  𝐶𝑛,𝑖=𝑈𝑛,𝑖/𝑊𝑛,𝑖 ,  𝐺𝑛,𝑖=𝑉𝑛,𝑖/𝑊𝑛,𝑖,  𝑘𝑛  is the axial wavenumber and 𝑛 is the circumferential mode number.  The 

expression for the general solutions due to the tangential force excitation may be obtained by changing the solu-
tion of the tangential displacement (Equation (2b)) to an even function around the central line of the shell. This 
can be done by swapping sin(𝑛 ∅) and cos(𝑛 ∅) in Equations (2a) to (2c) which can then be written as 
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The end plates and bulkheads are modelled as thin circular plates in bending and in-plane motion. In Figure 2, 𝑢𝑝, 

𝑣𝑝  and 𝑤𝑝  are the axial, tangential and radial displacements on the plates and ℎ𝑝 is the plate thickness. 

 
Source (Caresta and Kessissoglou, 2009) 

Figure 2: Displacements for a thin circular plate 

Displacements for the plates and bulkheads due to the axial and radial force excitations were given by Tso and 
Hansen (1995) as  
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where 𝐴𝑛,𝑖 and  𝐵𝑛,𝑖 ( 𝑖 = 1, 2) are constants defined below, 𝑘𝑝𝐵 is the plate bending wavenumber and  𝑘𝑝𝑇  and 

𝑘𝑝𝐿 are the wavenumbers for in-plane waves in the plate (Tso and Hansen 1995).  𝐽𝑛 and  𝐼𝑛 are respectively 

Bessel functions and modified Bessel functions of the first kind.  

The expression for the displacement of the plates due to the tangential force may be written as 
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2.2 Arbitrary point forces 

Four excitation cases are presented in Figure 3. 𝐹𝑐  is an axial point force applied to the center of the circular plate 
at 𝑥 = 0.  For numerical reasons, this was dynamically modelled by separating the circular plate into an inner cir-
cular plate over very small radius and outer annular plate. The point force at the center of the plate was then ap-
proximated as a distributed force applied axially at the junction of the annular and inner circular plates. The exci-
tation gives rise to an axisymmetric case corresponding to excitation of the shell zeroth modes  𝑛 = 0. 𝐹𝑎,  𝐹𝑡 and 
𝐹𝑟 are the axial, tangential and radial forces applied to the edge of the cylindrical shell at one end. Any arbitrary 
point force can be decomposed into these three orthogonal components; an arbitrary end force distribution can be 
represented as a linear combination of such point forces around the circumference. A point force located at 

(𝑥0,∅0) = (0,0) is described in terms of Dirac delta functions by 

       𝐹(𝑥, ∅, 𝑡) =  𝐹0𝛿(𝑥 − 𝑥0 )𝛿(∅ − ∅0 )𝑒−𝑗𝜔𝑡 =  𝐹0𝛿(𝑥)𝛿(∅)𝑒−𝑗𝜔𝑡. 
       (6) 
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Rotational symmetry means responses to this force would be the same as responses to forces in other circumfer-
ential positions with an appropriate angular shift. This might be useful to increase computational efficiency for 
more complicated force distributions beyond the single point force cases considered in this paper. 

 
Figure 3: Four excitation cases at the end plate and edge of the cylindrical shell 

 
2.3 Radial displacements of the shell and end plates 

For each value of 𝑛, the shell wavenumbers 𝑘𝑛 are determined by substituting the general solutions into the equa-
tions of motion of the shell, solving for determinant equal to zero, and then adding fluid loading by introducing 
both mass and damping effects as done by Caresta and Kessissoglou (2009). The plate wavenumbers 𝑘𝑝𝐵, 

𝑘𝑝𝑇 and 𝑘𝑝𝐿 depend only on frequency and plate parameters (Tso and Hansen 1995).  Only the cylindrical shell is 

fully coupled to the surrounding water. 
 

The dynamic response of the submerged cylindrical enclosure is expressed in terms of 𝐴𝑛,𝑖 and  𝐵𝑛,𝑖 (𝑖 = 1, 2)   for 

each circular plate and 𝑊𝑛,𝑖 (𝑖 = 1: 8) for each section of the shell. The whole structure consists of three cylindri-

cal shell segments and four circular plates, thus there are 40 unknown displacement coefficients for the shell 
segments, bulkheads and end plates. A schematic diagram of the modelled hull is shown in Figure 4. 
 

 

Figure 4: Schematic diagram of cylindrical enclosure 

The entire enclosure has no boundary condition constraints. At the cylindrical shell and plate junctions, continuity 
of displacements and equilibrium of forces / moments have to be satisfied. The boundary and continuity equations 
can be arranged in matrix form 𝜶𝑿 = 𝑭, where 𝑿 is the vector of the unknown displacement coefficients and 𝑭 is 
the vector containing the external point force terms. Each of the four point forces as described in Section 2.2 is 
placed in 𝑭 containing only one non-zero term corresponding to either 휀𝐹0 cos(𝑛∅0)  or  휀𝐹0 sin(𝑛∅0) (휀 = 1/2𝜋𝑎 if 

 𝑛 = 0 and  휀 = 1/𝜋𝑎 if 𝑛 ≠ 0). For a point force located at (𝑥0,∅0) = (0,0), the force component reduces to 휀𝐹0. 
Once the unknown coefficients have been determined, the radial displacements of the shell and end plates can 
be obtained. The radial displacements are then used for calculating the far-field sound pressure as shown below. 

2.4 Far-field sound pressure from the shell and end plates 
The definition of the coordinate system, for the field point at which the pressure from the cylindrical shell and end 
plates is computed, is shown in Figure 5. 
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Figure 5: Definition of the coordinate system for the field point 

If the axial or radial force is applied on the shell, the sound pressure in the far-field is given by Junger and Feit 
(1986) as  

𝑝(𝑅, 𝜃, ∅) =
𝜌𝑓  𝜔
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where 𝜌𝑓 is the fluid density, 𝑘𝑓 is the fluid wavenumber, 𝐻𝑛 is the Hankel function of order 𝑛 and  �̂�𝑛(𝑘𝑓 cos 𝜃)  is 

defined as 

�̂�𝑛(𝑘𝑓 cos 𝜃) = ∑ ∫ 𝑊𝑛,𝑖𝑒
𝑗𝑘𝑛,𝑖𝑥𝑒−𝑗𝑘𝑓 cos 𝜃

𝐿/2

−𝐿/2

𝑑𝑥

8

𝑖=1

 
 (8) 

where 𝑊𝑛,𝑖 is the modal radial displacement amplitude for the 𝑖th axial wavenumber at the circumferential mode 𝑛 

as shown in Equation (2c).  

If the tangential force is applied on the shell, the expression for the pressure is obtained by swapping cos(𝑛 ∅) for 
sin(𝑛∅) in Equation (7) as  

𝑝(𝑅, 𝜃, ∅) =
𝜌𝑓  𝜔
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where �̂�(𝑘𝑓 cos 𝜃) can be obtained similarly using the radial displacement amplitude due to the tangential force 

excitation (Equation (3c)). 

For a finite plate, the far-field pressure at low frequencies can be developed by modifying the pressure from an 
infinite plate (Skelton and James 1997) as  

𝑝𝑝(𝑅𝑝, 𝜃𝑝) = −𝜌𝑓 𝜔
2�̂�𝑝
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  (10) 

 
 

where �̂�𝑝 is the integral transform of the radial displacement of the finite plate. For a finite circular plate, �̂�𝑝 was 

approximated by McLachlan (1954) as 

�̂�𝑝 = ∫ ∫ 𝑤𝑝𝑒−𝑗𝑘𝑓 𝑟 sin 𝜃𝑝cos ∅1

2𝜋

0

𝑟𝑑𝑟𝑑∅1

𝑎

0

 (11) 

where 𝑤𝑝 is the plate radial displacement corresponding to the force type. Substituting Equation (11) into Equa-

tion (10), the far-field pressure from a circular plate can be obtained. 

The total pressure from the entire cylindrical enclosure can be obtained by summing the pressure from the shell 
and the two end plates. 
 
3 NUMERICAL METHOD 
The numerical FE/BE modelling was performed using a combination of the commercial software packages 
ANSYS and Sysnoise using a three-stage process. In the first stage the physical structure of the cylinder and end 
plates was built within ANSYS. A finite element modal analysis of the unconstrained cylinder in-vacuo was then 
obtained using the Sysnoise FEM structural module. 
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For the second stage, the modal basis set was used in a fully coupled direct boundary-element calculation within 
Sysnoise.  Although the analytical model described in section 2 uses a cylinder fully coupled to the surrounding 
water, the end plate theory does not couple the end plates to water. In order to match the physics of the analytical 
theory with the numerical model, the water loading on the cylinder within Sysnoise was only applied to the cylin-
der and not to the end plates. Coupled modes for such water loading were then generated and the frequency-
dependent displacements of the structure saved for acoustic radiation modelling. 

In the third stage, the vibration of the cylinder and end plates were used as vibration boundary conditions within 
Sysnoise to compute separately the contribution to radiated pressure of the plates and cylinder with the cylinder 
fully immersed in water. 

Material properties were as used in Section 4. The modal approach using Sysnoise is unable to directly use com-
plex moduli but a modal loss factor of 2% was used for each coupled mode computed by Sysnoise. This was 
done in order to approximately match the loss factor for the analytical model. 

Results presented here were obtained using 800 in-vacuo (uncoupled) modes, corresponding to frequencies up 
to 196 Hz, with a mesh consisting of 18000 elements. Note that these modes do not directly relate to the circum-
ferential “mode” numbers of the analytical model. Coupled modes for the water loading corresponded to wet fre-
quencies up to 187 Hz. Computation times on a low-end workstation, for frequencies 0–100 Hz at 1 Hz intervals, 
were typically an hour for the uncoupled modes calculation, 70 hours for each forcing direction, and 10 hours 
each for the radiation calculation of both ends and cylinder. Lower resolution runs were also performed to check 
that the results were consistent, but as the physical model was large it was not possible to ensure that results to 
100 Hz were truly independent of the resolution. 

4 RESULTS 
Unless otherwise indicated, the results presented in this paper are based on a ring-stiffened steel cylindrical en-
closure of radius 𝑎 = 3.25 m, shell and plate thickness ℎ = ℎ𝑝 = 0.04 m, length 𝐿 = 45 m and with two evenly 

spaced bulkheads of thickness ℎ𝑝 = 0.04 m. The material properties for steel are density 𝜌 = 7800 kgm
-3

, 

Young’s modulus 𝐸 = 2.1 × 1011 Nm
-2

 and Poison’s ratio 𝜈 = 0.3. The internal stiffeners have a rectangular cross 

section of  0.08 × 0.15  m
2
 and are evenly spaced by 0.5 m. Damping in the shell and plates is included by using 

a complex representation of the Young’s modulus 𝐸 = 𝐸(1 − 𝑗𝜂), where 𝜂 is the loss factor and has a value of 

0.02. All results are normalized to be per unit force. The sound pressure was calculated at 1000 m with 𝜃 = 900 

and ∅ = 00, 900, and normalized to 1 m range by adding 60 dB. The pressure dB reference level is 1 μPa. 
 
4.1 Analytical results  

Since the 𝑛 ≥ 2 circumferential modes are not efficient sound radiators (Caresta and Kessissoglou 2009, Peters 
et al. 2014 and Qu et al. 2015), only the 𝑛 = 0 − 3 modes are considered in the analytical results.    
 
The effect of the three orthogonal force excitations on the frequency response of displacement at the driving point 
without stiffeners and without bulkheads is presented in Figures 6(a) to 6(c). At the driving point, the circumferen-
tial angle is zero (∅ = 0). Figure 6(a) shows the radial displacement due to the radial and axial forces. The radial 
displacement due to the tangential force at the driving point is zero (see Equation 3(c)). The resonance peaks are 
labelled with the corresponding circumferential mode number 𝑛. The resonance peaks in Figure 6(a) correspond 

to the 𝑛 = 1 mode, which corresponds to beam bending motion of the shell. Figure 6(b) presents the axial dis-
placement due to the radial or axial force. The axial displacement due to the tangential force at the driving point is 
zero (see Equation 3(a)). The peaks in axial displacement due to the radial force correspond to the 𝑛 = 1 mode. 

The peaks in the axial displacement due to the axial force are dominated by the 𝑛 = 0 breathing mode and 𝑛 = 1 

bending mode, and only a few small peaks result from the 𝑛 = 2 and 𝑛 = 3 modes. Figure 6(c) shows the tangen-
tial displacement at the driving point due to the tangential force only as the tangential displacement due to the 
radial or axial force is zero (see Equation 2(b)). The peaks in Figure 6(c) correspond to the 𝑛 = 1 mode. This may 
be because the tangential force causes the shell to deform in a beam torsional motion as well as beam bending 
(both correspond to 𝑛 = 1 in their respective directions) i.e. the shell is twisting in the tangential force direction 
(see Figure 3), below the ring frequency at about 260 Hz (refer to Laulagnet and Guyader 1990). 
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The effect of the stiffeners on the dynamic response of the enclosure, as shown in Figure 6, is demonstrated by 
comparison with calculations with the stiffeners included. Figures 7(a) to 7(c) present the comparisons of the dis-
placements shown in Figures 6(a) to 6(c) with those including the stiffeners respectively. It can be observed that 
the resonances of the stiffened cylindrical shell are slightly lower than those of the unstiffened shell at low fre-
quencies, and are attributed to the mass added by the stiffeners. At higher frequencies, the resonance frequen-
cies of the stiffened shell are slightly increased over those of the unstiffened shell, and this is attributed to a stiff-
ening effect.  

The effect of adding the bulkheads on the responses at the driving point is shown in Figures 8(a) to 8(c). Figure 8 
shows the comparisons of the displacements calculated with and without the two bulkheads. It can be seen that 
the bulkheads do not significantly affect the dynamic response of the structure at the driving point. 

The cylindrical enclosure includes a cylindrical shell and two end plates. Sound pressure from the shell and end 
plates is calculated separately, with the total pressure from the entire enclosure obtained by summing. The results 
of sound pressure shown in this section have been calculated for the enclosure without stiffeners and without 
bulkheads. 

   

 Figure 6: Frequency responses of displacements at the driving point due to three orthogonal forces without stiff-
eners and without bulkheads: (a) radial displacement; (b) axial displacement; (c) tangential displacement 

 
Figure 7: Frequency responses of displacements at the driving point with and without stiffeners: (a) radial  
displacement; (b) axial displacement; (c) tangential displacement 
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Figure 8: Frequency responses of displacements at the driving point with and without bulkheads: (a) radial  
displacement; (b) axial displacement; (c) tangential displacement 

Figures 9(a) to 9(c) show the sound pressure obtained from individual parts of the enclosure and the entire enclo-
sure due to the three orthogonal forces. The pressure was calculated at 𝜃 = 900 and ∅ = 00, which is on the 
same side of the cylinder as the driving force. Figure 9(a) shows the radiated pressure from the cylindrical shell 
due to radial and axial force excitations. The pressure due to the tangential force is zero (see Equation (9) with 
∅ = 0). In Figure 9(a), large peaks in the pressure due to the radial force are observed. A comparison has been 

made of the pressure from the shell due to the radial force for the bending mode only (i.e. 𝑛 = 1 only; not given 
here). It was found they were similar. Thus, the peaks in the pressure are considered to correspond to the bend-
ing mode. This phenomenon is similar to that reported by Peters et al. (2014) using a fully coupled FE/BE method 
for a similar structure and excitation. The peaks in the pressure due to the axial force result from the breathing 
mode (𝑛 = 0) and bending mode by comparing the pressure with those for the individual modes. This confirms 
the finding of Caresta and Kessissoglou (2009). Figure 9(b) shows the pressure obtained from the two end plates. 
The plates radiate sound for each of the three forces, but the tangential force results in sound radiation about 40 
dB lower than that for the axial force at most frequencies below 50 Hz. The reason the end plates slightly radiate 
sound due to a tangential force is because the shell is coupled with the plates. The offset tangential force can ex-
cite both tangential and radial motion in the shell; these motions couple to axial motion in the shell, which reacts 
on the plates to generate some plate normal motion and hence sound radiation. Note that the plate pressure due 
to the radial or tangential force is slightly higher than the pressure due to the axial force at some frequencies 
above 90 Hz, which may be related to the approximations in the analytical plate model. Comparing Figures 9(a) 
and 9(b), it can be seen that the pressure from the shell and the pressure from the end plates due to the axial 
force are both comparable. There are two reasons. Firstly, the shell and end plates are both flexible to radiate 
sound. Secondly, the axial force is normal to the end plates, exciting them efficiently under the axial force excita-
tion. Figure 9(c) shows the pressure from the entire enclosure. The total pressure at this observation point due to 
the radial or axial force is much higher than that due to the tangential force. 

Figures 10(a) to 10(c) present the pressure calculated at 𝜃 = 900 and ∅ = 900. In Figure 10(a), the pressure due 
to the tangential force is observed to be generally greater than the pressure due to the radial or axial force, as the 
observed pressure is located in the same direction as that of the tangential force. The peaks in the pressure due 
to the tangential force have been identified as corresponding to the bending mode by comparing with the pres-
sure calculated using only  the 𝑛 = 1 mode (results not given here). This phenomenon is similar to that reported 
by Peters et al. (2014). Figure 10(c) shows that the total pressure due to the tangential force is generally higher 
than the total pressure due to the other two forces at this observation point. The results shown in Figures 10(a) to 
10(c) indicate the effect of the tangential force on sound pressure can be significant at some observation points. 
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Figure 9: Sound pressure at 𝜃 = 900 and ∅ = 00 due to three orthogonal forces: (a) shell; (b) end plates;  
(c) entire enclosure 

   

Figure 10: Sound pressure at 𝜃 = 900 and ∅ = 900 due to three orthogonal forces: (a) shell; (b) end plates;  
(c) entire enclosure 

4.2 Comparison with numerical results 
In this section, the Sysnoise method described in Section 3 is used to verify the analytical results. For an initial 
comparison, only the numerical results for the cylindrical enclosure without stiffeners and without bulkheads will 
be compared with those obtained from the analytical results.  

Figures 11(a) to 11(c) compare the frequency responses of displacements at the driving point due to the three 
orthogonal forces obtained from the analytical and numerical models. Excellent agreement is obtained at low fre-
quencies. As frequency increases, some differences between the two models are observed. This may be be-
cause the numerical calculation was not accurate enough at higher frequencies, but could also be related to ap-
proximations in the analytical model. 

For the comparison of the far-field sound pressure, only the axisymmetric case is considered. In this case, the 
point force 𝐹𝑐   is applied at the center of the plate as shown in Figure 3. Only the breathing mode 𝑛 = 0 of the 
shell can be generated. Figures 12 (a) to 12(c) present, respectively, the far-field sound pressure from the cylin-
drical shell, end plates and entire enclosure. Excellent agreement is obtained between the analytical results and 
the results from the numerical method. 
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Figure 11: Comparison of analytical and numerical frequency responses of displacements at the driving point due 
to three orthogonal forces: (a) radial displacement; (b) axial displacement; (c) tangential displacement 

 
Figure 12: Comparison of analytical and numerical sound pressure due to an axial force applied to the centre of 
an end plate: (a) shell; (b) end plates; (c) entire enclosure 

 
5 DISCUSSION 
Issues relating to comparison of the analytical and numerical results will be discussed in this section. The im-
portance of the bending mode of the shell on the far-field sound pressure was observed in the analytical results. 
The analytical results indicated that the resonance peaks in the pressure resulting from the radial or tangential 
force were primarily corresponding to the bending mode. The numerical results obtained from the commercial 
FE/BE Sysnoise method indicated the contribution of the bending mode to the pressure was far less significant 
with the radiation patterns often being closer to that from a dipole force, even though the same numerical model 
gave excellent agreement with axial forcing. These results have not been presented here, as the discrepancy is 
unresolved. However, similar work conducted at the University of New South Wales (Peters et al. 2014) shows 
some similarity with the analytical results presented here. Peters et al. (2014) modelled a submerged hull using a 
fully coupled FE/BE model. They applied uniform vertical and transverse forces on the hull, and found that the 
peaks of radiated sound resulting from the vertical and transverse forces were primarily due to the beam bending 
mode of the hull. The work conducted by Peters et al. (2014) was validated by Qu et al. (2015) using a semi-
analytical method. Thus, the investigation of the importance of the bending mode on the far-field sound radiation 
needs to be examined in future work. 
 
6 CONCLUSIONS 
An analytical method has been developed for predicting far-field sound radiation from a submerged cylindrical 
enclosure under arbitrary force excitations. The enclosure consists of a cylindrical shell with internal bulkheads 
and ring stiffeners, closed at the ends by two circular plates. An arbitrary point force can be decomposed into 
three orthogonal forces. The three orthogonal forces used here were in the radial, axial and tangential directions 
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applied to the edge of the shell on the shell-plate boundary. The expressions for the far-field sound pressure re-
sulting from the finite shell, finite end plates and entire enclosure due to the arbitrary force excitations were given. 
The MATLAB code for the analytical model typically takes only 50 seconds for a complete set of solutions. 

It was found that the effect of the tangential force excitation on the far-field sound pressure could be significant at 
some observation points. For the enclosure with a flexible shell and flexible end plates, the pressures from the 
shell and from the end plates could be comparable. The importance of the bending and breathing modes of the 
shell on the sound radiation in the far field was observed. The influence of the ring stiffeners and bulkheads on 
the structural response was discussed. The stiffeners were observed to have a mass effect at low frequencies 
and a stiffening effect at higher frequencies. The bulkheads did not have a significant effect on the enclosure driv-
ing-point responses considered in this paper. 

Some verification of the analytical method is presented by using a commercial FE/BE Sysnoise method. Excellent 
agreement is obtained between the two methods for axisymmetric axial excitation, although some unresolved dis-
crepancies for radial and tangential results remain. Note, however, that the numerical modelling is over 10000 
times slower than computation using the analytical method. 
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